Introduction
In most previous studies on air-standard power cycles, friction is generally neglected for simplicity of the analysis ͓1-4͔. However, due to the high revolution speed of the engine, this assumption becomes less realistic where a large percentage of engine power is dissipated into friction. Although air-standard power cycle analysis gives only approximation to the actual conditions and outputs ͓5͔, it would be very useful to study the cycle by including the effect of friction.
It is well known that reduction of engine mechanical friction increases the engine efficiency. Previous studies modeled the behavior of Otto, Diesel, and dual cycles including friction ͓6-8͔. However, they dealt with average values of piston coefficient of friction and neglected type of lubricants and engine configuration details such as engine skirt and rings. Also, the dependence of friction on oil temperature was neglected in these studies. On the other hand, some studies have correlated the friction encountered in engines using empirical formulas ͓9,10͔. In fact, these formulas are written in terms of engine speed and such correlations neglected engine operational details such as oil type, skirt, and ring configurations.
It is a fact that a large percentage of the mechanical friction loss in engines occur on the lubricated surfaces between the skirt and the cylinder liner as well as between the cylinder rings and cylinder liner ͓11͔. The lubrication between rings and cylinder liner is effected by oil viscosity, oil film thickness, piston ring configuration, and the operational specifications of the engine. Besides, the friction between the piston skirt and the cylinder liner is affected by the clearance, piston tilt, piston skirt design, and surface roughness ͓12͔. By considering energy consumption within the engine, it is found that friction loss contributes the major portion of the energy consumption developed in an engine. About two-thirds of it is caused by piston skirt friction, piston rings, and bearings, and the other third is due to the valve train, crankshaft, transmission, and gears ͓13͔. Similar figures were reported by Kim et al. ͓14͔ , who were successful in reducing engine friction through liner rotation. Piston ring lubrication models were used for prediction of engine cylinder friction. An accurate representation of lubrication conditions at the piston ring-cylinder liner interface is required for the estimation of frictional losses. Examples of the work conducted on modeling and analysis of the frictional losses at the piston ring-cylinder liner contact are given in Refs. ͓15-27͔. Moreover, Xu et al. ͓28͔ presented two theoretical models that predict friction for piston ring and cylinder liner. Their work was compared to experimental findings. Also, Xu et al. proposed an inter-ring gas flow model by considering the effect of orifice flow through the ring end gap and ring side clearance ͓29͔.
It was found that piston ring friction force was higher than previously predicted. Also, it was pointed that fuel economy improvements exceeding 4% may result from combined application of reducing lubricant viscosity and proper surface treatment ͓30͔. Their work was based on numerical findings using four different simulation methodologies, such as RINGPAK. Other studies have used RINGPAK tool in their engine friction simulation ͓31,32͔. Other models are also available in literature ͓33,34͔.
The effect of viscosity on the oil film thickness and on the total friction force is significant. The oil viscosity is temperature dependent and under different engine conditions during cold start, normal operation, or severe operation condition, the viscosity of the lubricating oil changes significantly. A model for the prediction of the engine friction, including the viscosity effects, has been presented by Taylor ͓35͔. The results include simulations for fully warmed-up and cold-start conditions, where the total engine friction is investigated. Accordingly, the total engine friction immediately after a cold start is about five times higher than the warmed-up conditions ͓35͔. Further studies have been made on the oil film thickness of piston rings and effect of load and speed on oil film thickness ͓36͔. Recently, more research has focused on the effect of oil film temperature on its thickness of piston rings ͓37-40͔. Their results indicated that the oil film thickness could be calculated by using the viscosity estimated from the oil film temperature ͓38͔. It was reported that oil film thickness between the ring and liner increases with increasing oil viscosity ͓39͔. Therefore, it can be seen that the temperature dependence of viscosity, engine operational conditions, and ring configuration are very essential in analyzing friction encountered in piston skirt and piston rings.
In the present work, a spark-ignition ͑SI͒ engine is analyzed by including the effect of skirt and ring friction on its performance. Different ring configurations and oil types are examined. Furthermore, the effect of oil film temperature on the skirt and ring friction is investigated. Moreover, this study evaluates the contribution of piston rings and skirt on the overall efficiency of the cycle and on the overall friction mean effective pressure ͑fmep͒. In addition, a temperature-dependent specific heat is considered.
Thermodynamic Analysis
Piston Friction. The piston friction work, in the combustion chamber, consists of two major parts, which are the skirt friction and pressure ring friction. By using Newton's law of viscosity, friction work is defined as
The friction work ͑irreversible work͒ can be expressed in terms of instantaneous piston speed as
where C is the skirt clearance and is the clearance between the liner and the pressure ring. In the present study, the value of C is taken as a constant to represent the average clearance between the cylinder liner and the skirt of the piston. However, is taken as the oil film thickness between the ring and cylinder liner. This thickness reaches a minimum value at the bottom dead center ͑BDC͒ and top dead center ͑TDC͒ and has higher values between them ͓36,38͔. The distribution of oil film thickness with crank angle was reported ͓38,41͔. The shape of the oil film thickness can be approximated by a trigonometric function where minimum values at BDC and TDC and higher values in between. In the current study, the following distribution is assumed that agrees with the trend of previous published work:
where A and B are constants. Figure 1 gives a representation of three different distributions of ring oil film thickness obtained by using different combinations of A and B. These values are chosen to agree with distributions reported in literature ͓36,38,41͔.
The instantaneous piston speed, in Eq. ͑2͒, can be expressed in terms of average piston speed as ͓11͔
Thus, the friction work in Eq. ͑2͒ is written as
Thermodynamic properties of air. In most air-standard power cycle models, air is assumed to behave as an ideal gas with constant specific heats. The values of specific heats are usually used as cold properties. However, this assumption can be valid only for small temperature differences. Therefore, the assumption would produce greater error in all air-standard power cycles. In order to account for the large temperature difference encountered in airstandard power cycles, constant average values of specific heats and specific heat ratios are sometimes used. These average values are evaluated using the extreme temperatures of the cycle, and are believed to yield better results. Obviously, this remains a rough simplification and can result in significant deviations from reality. Thus, the incorporation of variable specific heats in air-standard power cycle models can improve their predictions and bring them closer to reality. An equation that can be used, for the temperature range 300-3500 K, is obtained from Sonntag et al. ͓42͔. It is based on the assumption that air is an ideal gas mixture containing 78.1% nitrogen, 20.95% oxygen, 0.92% argon, and 0.03% carbon dioxide ͑on mole basis͒. It is presented in the following equation: 
͑6͒
The results obtained from the above equation are in agreement with those reported in literature ͓43͔. It is found from Eq. ͑6͒ that specific heat at constant pressure increases with temperature from about 1.0 kJ/ kg K at 300 K to about 1.3 kJ/ kg K at about 3000 K. Surely, such difference should be taken into consideration. Similarly, the specific heat ratio k decreases from 1.40 to about 1.28 within the same temperature range. Thermodynamic analysis. For a closed system and a small change of the process, the first law of thermodynamics is simply written as
Therefore, by using the definition of work, the first law can be expressed as
where the irreversible work is mainly due to friction work.
For an ideal gas, the equation of state is expressed as
By differentiating Eq. ͑9͒, we can get
Also, for an ideal gas with constant specific heats, the change in internal energy is expressed as
By substituting Eq. ͑11͒ into Eq. ͑10͒, then Transactions of the ASME
By substituting Eq. ͑12͒ into Eq. ͑8͒, the following equation is obtained:
where the ␦W irrev is given by Eq. ͑5͒. The total amount of heat input to the cylinder by combustion of fuel in one cycle is
The total heat added from the fuel to the system until the crank position reaches angle is given as
where x b is the Weibe function that is used to determine the combustion rate of the fuel and is expressed as ͓11͔
where a and n equal to 5 and 3, respectively. Also, the total amount of heat loss from the system when the crank moves an increment of d is given as
By substituting Eqs. ͑14͒-͑17͒ into Eq. ͑13͒ followed by differentiation with respect to crank angle ͑͒, the following equation is obtained:
can be solved by using explicit finite difference technique with second order accurate differentiation. The result is given as
where dP / d is expressed as
The instantaneous cylinder volume, area, and displacement are given by the slider crank model as ͓11͔
Once the pressure is calculated, the temperature of the gases in the cylinder can be calculated using the equation of state as
The convective heat transfer coefficient in Eq. ͑17͒ h cg is given by the Woschni model as ͓44-46͔
where w is the velocity of the burned gas and is given as
In the above equation, the displacement volume is V d . However, V r , T gr , and P r are reference state properties at closing of inlet valve and P m is the pressure at the same position to obtain P without combustion ͑pressure values in cranking͒. The values of C 1 and C 2 are given as follows: For compression, C 1 = 2.28, C 2 = 0 and for combustion and expansion, C 1 = 2.28, C 2 = 0.00324.
Solution Methodology
Equation ͑19͒ is solved for each crank angle for −180Յ Յ 180 using a step size ⌬ = 1 deg. The values of = Ϯ 180 correspond to BDC whereas the value of = 0 corresponds to TDC. The heat addition in Eq. ͑19͒ is only valid for s Ͻ Ͻ ͑ s + ⌬͒, i.e., during the period of combustion. In solving Eq. ͑19͒, notice that k , P , T, and h cg are coupled, i.e., solution of one of these variables depends on the solution of others. The solution procedure is as follows: By knowing the pressure of the gases at the BDC, the initial temperature of the gases is first calculated using Eq. ͑24͒. Then, the value of the pressure, after an increment of ⌬, is determined using Eq. ͑18͒. Once the value of the pressure is obtained, the temperature-dependent properties C p ͑T͒ is calculated by using Eq. ͑6͒. The value of C v ͑T͒ is then determined from the relation ͓C v ͑T͒ = C p ͑T͒ − R͔. Thereafter, the value of k is calculated as k͑T͒ = C p ͑T͒ / C v ͑T͒. Finally, the heat transfer coefficient is calculated using the Woschni model given by Eq. ͑25͒. The above mentioned procedure is repeated for each value of many times until the change between two successive iterations for all variables ͑T , P , k, and h cg ͒ is less than 10 −4 . After solving for the pressure in the cylinder, the total friction work for skirt and rings was calculated by integrating Eq. ͑5͒ for −180 degՅ Յ 180 deg. Then, the fmep is calculated as 
The indicated work is calculated by integrating the PV diagram as
The brake work is calculated as
Finally, the thermal efficiency is calculated as th =
W b m f LHV ͑30͒
A parametric study has been performed based on the numerical solution of Eq. ͑19͒. The study covers wide range of dependent variables such as engine speed, taking into consideration piston friction combined with the variation of temperature-dependent specific heat, and heat loss from the cylinder. Engine specifications, dimensions, and other constants used in the parametric study are listed in Table 1 .
Results and Discussion
In order to examine the general effect of piston friction on engine performance, Fig. 2 is presented. It shows engine's thermal efficiency with two oil temperatures: 40°C and 80°C; one representing cold-start conditions, while the other representing normal operating conditions. For each condition, two cases were considered; first, considering skirt friction only, and second considering total piston friction ͑i.e., skirt and rings͒. They were compared to frictionless piston, which is usually assumed in most thermodynamic analyses that do not consider piston friction. An observation can be drawn from this figure in which the inclusion of the piston friction in efficiency evaluation can reduce the calculated values. This becomes particularly significant in the high speed range and at low oil temperatures. Also, the minimal effect of ring friction in comparison to skirt friction is clearly illustrated. Although the contribution of ring friction becomes more significant at low oil temperatures and high engine speeds, skirt friction remains the dominant factor in piston friction.
The effect of oil viscosity is investigated in Fig. 3 over a wide Under normal operating conditions ͑i.e., relatively high oil temperatures͒, the difference in performance with the application of different oils is minimal at low speeds and only starts to become more pronounced at high speeds. However, as demonstrated in Fig. 3͑b͒ , this changes completely at lower oil temperatures, which could be encountered at cold starts. Using high viscosity oil can reduce the efficiency by over 50% at cold oil temperatures. In order to analyze how the friction irreversible work is affected by the speed and the oil temperature, Fig. 4 is presented. As it can be seen from Fig. 4͑a͒ , the fmep increases linearly with engine speed. This trend is expected from the examination of Eq. ͑5͒ where the piston friction work is linearly related to the piston speed. However, Fig. 4͑b͒ reveals a strong dependence of the fmep on the temperature. This is due to the strong dependence of the viscosity of lubricating oils on temperature over the range of temperatures, practically, encountered during engine operations. About 50°C drop in oil temperature can increase its viscosity by an order of magnitude.
The efficiency maps for SAE 10, SAE 30, and SAE 50 are given in Fig. 5 . It illustrates how the results of this model can be practically utilized to obtain optimized efficiency results either by selecting the optimum operating speed for a given oil type ͑i.e., viscosity͒, temperature, and engine speed. For example, the efficiency at a given speed is less dependent on the oil temperature for SAE 10 oil as compared to SAE 50. Therefore, it is much easier to obtain high efficiency values at high speeds with low oil temperatures when SAE 10 is used in comparison with SAE 50. On the other hand, for a given oil ͑e.g., SAE 30͒, in order to achieve the efficiency obtained at a low-medium range speed with high oil temperatures, higher engine speeds are required with low oil temperatures. Figure 5͑d͒ presents the resulting map without the inclusion of piston friction in the analysis. Similar maps could also be obtained when empirical formulas relating the engine friction to the engine speed are used ͓9,47͔. Obviously, such map is rather theoretical and totally oblivious to the effect of oil type or temperature and thus it is of limited use in practical considerations. Figure 6 demonstrates the effect of different piston ring configurations on the efficiency. As expected, increasing the number or thickness of piston rings increases piston friction and thus reduces the brake power and the efficiency. However, the effect of changing piston ring configuration is limited in comparison to other parameters. This is due to dominance of skirt friction over ring friction, which was illustrated in Fig. 2 . As explained earlier and shown in Fig. 1 , the oil film thickness between the ring and the cylinder liner varies with crank angle and can be approximated with the trigonometric function given in Eq. ͑3͒.
In order to examine the effect of oil film thickness on engine performance, Fig. 7 is presented. It shows the effect of speed and temperature on efficiency for three different values of constants A and B in Eq. ͑3͒ yielding three different oil film distributions. Although decreasing oil film thickness results in a drop in efficiency, this effect becomes noticeable only at low temperatures and at high engine speeds. It is also interesting to note that the two distributions assume maximum film thicknesses as of 7 m and 12 m resulted in nearly identical efficiency curves. However, the third distribution that assumes a maximum film thickness of 2.5 m resulted in a somewhat different curve. This suggests that there exists a threshold value in the order of 1 m for the oil film thickness, below which ring friction can start to play significant role in piston friction.
Conclusions
The performance of a SI engine has been analyzed by including the effect of skirt and ring frictions. Different ring configurations and oil types were examined. The effect of oil film temperature on the skirt and the ring friction has been investigated. A parametric study has been performed covering wide range of dependent variables such as engine speed, by considering piston friction combined with temperature-dependent specific heat, and heat loss from the cylinder. Moreover, this study has evaluated the contribution of piston skirt and rings on the overall cycle efficiency. Cases of cold-start and warm-up conditions were presented; first considering skirt friction only, and second with the consideration of total piston friction ͑skirt and rings͒. It was found that the inclusion of the piston friction in efficiency evaluation can reduce the calculated values especially in high speed range and at low oil temperatures. Although the contribution of ring friction becomes more significant at low oil temperatures and high engine speeds, skirt friction remains the dominant factor in piston friction.
The effect of oil viscosity over a wide range of engine speeds and oil temperatures implies that oils with higher viscosities result in lower efficiency values. Alternatively, under normal operation conditions, the difference in performance with the application of different oils is minimal at low speeds and only starts to become more pronounced at high speeds. However, using high viscosity oil can reduce the efficiency by more than 50% at cold oil temperatures. Also, the fmep increases linearly with engine speed. It has strong dependence on the temperature and viscosity. A drop in oil temperature by 50°C can result in an increase of its viscosity by an order of magnitude.
The efficiency maps for SAE 10, SAE 30, and SAE 50 are developed. They illustrate how the results of this model can be practically utilized in efficiency calculations. The oil film thickness between the ring and the cylinder liner varies with the position of the crank angle. Although it can be generally stated that decreasing the oil film thickness results in a drop in the efficiency, this effect becomes noticeable only at low temperatures and at high engine speeds. It is concluded that the two distributions that assume maximum film thicknesses of 7 m and 12 m resulted in nearly identical efficiency curves. However, the third distribution that assumes a maximum film thickness of 2.5 m resulted in a somewhat different curve. This suggests that there exists a threshold value in the order of 1 m for the oil film thickness, below which ring friction can start to play a significant role in piston friction.
Nomenclature
A h ϭ heat transfer area ͑m 2 ͒ A ϭ coefficient in oil film thickness equation ͑m͒ a ϭ constant in Weibe function B ϭ coefficient in oil film thickness equation ͑m͒ C ϭ skirt clearance ͑m͒ C p ϭ constant pressure specific heat ͑kJ/kg K͒ C v ϭ constant volume specific heat ͑kJ/kg K͒ D ϭ cylinder diameter ͑m͒ 
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Transactions of the ASME h cg ϭ heat transfer coefficient for gases in the cylinder ͑W / m 2 K͒ k ϭ specific heat ratio, dimensionless L ring ϭ ring thickness L skirt ϭ skirt length LHV ϭ lower heating value ͑kJ/kg͒ ᐉ ϭ connecting rod length ͑m͒ m ϭ mass of cylinder contents ͑kg͒ m f ϭ mass of burned fuel ͑kg͒ n ϭ constant in Weibe function P ϭ pressure inside cylinder ͑Pa͒ P i ϭ inlet pressure ͑Pa͒ Q ϭ heat transfer ͑kJ͒ Q in ϭ heat added from burning fuel ͑kJ͒ R ϭ crank radius ͑m͒ R g ϭ gas constant ͑kJ/kg K͒ T ϭ oil temperature in the cylinder ͑°C͒ T g ϭ gas temperature in the cylinder ͑K͒ T i ϭ inlet temperature ͑K͒ T w ϭ cylinder temperature ͑K͒ U ϭ internal energy ͑kJ͒ U p ϭ piston speed ͑m/s͒ U p ϭ average piston speed ͑m/s͒ V ϭ cylinder volume ͑m 3 ͒ V c ϭ clearance volume ͑m 3 ͒ V d ϭ displacement volume ͑m 3 ͒ x ϭ distance from top dead center ͑m͒ x b ϭ burning rate of the fuel, dimensionless W i ϭ indicated work ͑J͒ W b ϭ brake work ͑J͒ W friction ϭ friction work ͑J͒ W irrev ϭ irreversible work ͑J͒ w ϭ average cylinder gas velocity ͑m/s͒ ␣ ϭ thermal diffusivity ͑m 2 / s͒ ϭ oil film thickness ͑m͒ ϭ angle ͑deg͒ s ϭ start of combustion or heat addition ͑deg͒ ⌬ ϭ duration of combustion ͑deg͒ ϭ oil dynamic viscosity ͑N s/ m 2 ͒ th ϭ thermal efficiency ͑%͒ Abbreviations fmep ϭ friction mean effective pressure ͑kPa͒ bmep ϭ brake mean effective pressure ͑kPa͒ imep ϭ indicated mean effective pressure ͑kPa͒ irrev ϭ irreversible TDC ϭ top dead center BDC ϭ bottom dead center
